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Abstract

In this paper, the two main market available thermal cooling technologies with regeneration temper-

atures below 100�C are evaluated. For closed cycle absorption chillers and open desiccant cooling

systems, e¢ ciencies, costs and optimisation potentials are analysed. Measurements and simulation

studies from realised demonstration projects are presented. If properly designed, both technologies

o¤er signi�cant primary energy savings. However, as coe¢ cients of performance are generally lower

than for electrically driven compressor chillers, care has to be taken to reduce auxiliary energy demand.

While measured average thermal COP´s are between 0.6 and 0.7 for absorption chillers, desiccant units

can reach higher values, as they often operate with evaporative cooling only. The electrical COP´s can

be as high as 11 for absorption systems with e¢ cient cold distribution and recooling units and is about

7-8 for desiccant systems with an air based distribution system. The total costs of both desiccant and

absorption cooling systems are dominated by capital costs so that high full load hours are crucial for

an economic performance.

Introduction

Solar or waste heat driven thermal cooling plants can provide summer comfort conditions in buildings

at low primary energy consumption. Today, the dominant cooling systems are electrically driven

compression chillers, which have a world market share of about 90%. The average coe¢ cient of

performance (COP) of installed systems is about 3.0 or lower and only the best available equipment

can reach an annual average COP above 5.0. To reduce the primary energy consumption of chillers,

thermal cooling systems o¤er interesting alternatives, especially if primary energy neutral heat from

solar thermal collectors or waste heat from cogeneration units can be used. The main technologies
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for thermal cooling are closed cycle absorption and adsorption machines, which use either liquids or

solids for the sorption process of the refrigerant. The useful cold is in both cases produced through the

evaporation of the refrigerant in exact analogy to the electrical chillers. For air based cooling systems,

desiccant cooling cycles are useful, as they directly condition the inlet air to the building.

Thermal cooling systems are mainly powered by waste heat or fossil fuel sources. In 2005, solar

cooling systems in Europe had a total capacity of 6 MW only (Nick-Leptin, 2005).

The type of solar thermal collector required for the sorption material regeneration depends on the

heating temperature level, which in closed systems is a function of both cold water and cooling water

temperatures. In open sorption systems, the regeneration heating temperature depends on the required

dehumidi�cation rate, which is a function of ambient air conditions.

Commercial adsorption systems, either open air based systems or closed adsorption, are designed

for heating temperature ranges around 70�C. Single e¤ect absorption chillers start at operation tem-

peratures of about 70�C. Commercial machines are often designed for average heating temperatures

of 85 �90� C.

For the often used single e¤ect machines, the ratio of cold production to input heat (COP) is in the

range of 0.5 �0.8. Solar fractions therefore need to be higher than about 50% to start saving primary

energy (Mendes et al, 1998). The exact value of the minimum solar fraction required for energy saving

not only depends on the performance of the thermal chiller, but also on other components such as the

cooling tower: a thermal cooling system with an energy e¢ cient cooling tower performs better than

a compression chiller at a solar fraction of 40%, a low e¢ ciency cooling tower increases the required

solar fraction to 63%. These values were calculated for a thermal chiller COP of 0.7, a compressor

COP of 2.5 and an electricity consumption of the cooling tower between 0.02 or 0.08 kWhel per kWh

of cold (Henning, 2004).

Double e¤ect absorption cycles have considerably higher COPs around 1.1 �1.4, but require signi�-

cantly higher driving temperatures between 120 and 170�C (Wardono and Nelson, 1996), so that the

energetical and economical performance of the solar thermal cooling system is not necessarily better

(Grossmann, 2002).
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In recent years, the consideration of auxiliary energy consumption of thermal chiller systems has

increased in importance. Due to the low COP´s, the amount of rejected heat is signi�cantly higher

than for compression chillers, which requires additional electrical energy for pumps and fans as well as

increased water consumption. Complete primary energy balances have to be established to compare

the e¢ ciency of thermal cooling technologies to purely electrical systems.

As the focus of this work is on solar driven thermal chillers, the optimum use of the �uctuating solar

energy source has to be analysed. This issue mainly concerns control strategies, which are responsible

for auxiliary energy system setpoints, shortening of start-up times in the morning with rising irradiance

and storage management in general. These aspects will be discussed in the paper.

Based on measurements and simulation results from solar cooling systems, the energetic and eco-

nomical performance of solar powered absorption and desiccant cooling systems will be presented. The

goals are to analyse the solar contribution to the total energy demand of the thermal chiller system

and to specify the associated costs.

Technology overview absorption cooling

Absorption cooling is a mature technology with the �rst machine developed in 1859 by Ferdinand

Carré. For the closed cycle process, a binary working �uid that consists of the refrigerant and an

absorbent is necessary. Carré used the working �uid ammonia/water (NH3/H2O). Today the working

pair Lithium bromide as absorbent and water as the refrigerant is most commonly used for building

climatisation (H2O/LiBr). In contrast to the ammonia/water system with its pressure levels above

ambient pressure, the water/lithium bromide ACM works under vacuum because of the low vapour

pressure of the refrigerant water.

In 1945 the company Carrier Corp, USA, developed and introduced the �rst large commercial

single-e¤ect absorption cooling machine (ACM) using water/lithium bromide with a cooling power of

523 kW. In 1964 the company Kawasaki Heavy Industry Co., Japan produced the �rst double e¤ect

water/lithium bromide ACM (Hartmann, 1992). The double-e¤ect (DE) ACM is equipped with a

second generator and condenser to increase the overall COP by re�using the high temperature input

heat also for the lower temperature generator. Absorption chillers today are available in a range of
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10 kW to 20 000 kW. In the last few years some new developments were made in the medium scale

cooling range of 10 kW to 50 kW for water/lithium bromide and ammonia/water absorption chillers

(Storkenmaier et al., 2003; Safarik et al., 2004).

While absorption cooling has been common for decades, heat pump applications have only in recent

years become relevant, due to the improvement in the performance �gures; small gas-driven absorption

heat pumps achieve coe¢ cients of performance of approximately 1.5, i.e. using 1 kWh of the primary

energy of gas, 1.5 kWh of heat can be produced using environmental energy, which is better than the

condensing boilers presently available on the market with maximum COP�s of about 1.0. Di¤erent

manufacturers are producing absorption heat pumps with 10 �40 kW output which achieve COP�s

of about 1.3 at heating temperatures of 50�C. However, today absorption chillers are mainly used as

cooling machines rather than heat pumps.

Absorption cooling machines are categorized either by the number of e¤ects or by the number

of lifts: e¤ects refer to the number of times high temperature input heat is used by the absorption

machine. In general, increasing the number of e¤ects is meant to increase the COP using higher driving

temperature levels. Lifts refer to the number of generator/absorber pairs to successively increase the

refrigerant concentration in the solution and to thus reduce the required heat input temperature level.

The most important restrictions of single-e¤ect absorption cooling machines are the limitation of

the temperature lifting through the solution �eld, the �xed coupling of the driving temperature with

the temperature of heat source and heat sink and the COP not being larger than 1.0 independent of

temperature lifting (Ziegler, 1998). The aim of multistage processes is to overcome these restrictions.

Several types of absorption cooling machines are available on the market: single-e¤ect (SE) and

double-e¤ect (DE) ACMs with the working pair water/lithium bromide as well as single-e¤ect (SE)

and double-lift (DL) ACMs with the working pair ammonia/water.

The single-e¤ect/double-lift (SE/DL) cycle with the working pair water/lithium bromide is a novel

technique. Further cycle designs such as triple-e¤ect (TE) ACM, other multistage cycles and the use

of the described cycles for solar cooling have been investigated by a number of researchers (Kimura,

1992; Lamp et al., 1997; Höper, 1999; Ziegler, 1999).

Typical performance characteristics for the closed ACM cycles described above are stated in table
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Table 1: Water lithium bromide absorption chiller characteristics.
Cycle type SE DE SE/DL
cold temperature / oC 6 �20 6 �20 6 �20
heating temperature / oC 70 �110 130 �160 65 �100
cooling water temperature / oC 30 �35 30 �35 30 �35
COP / � 0.5 �0.7 1.1 �1.3 0.4 �0.7

Table 2: Performance of NH3/H2O absorption chillers and Di¤usion-Absorption machines with auxil-
iary gas.

Cycle type SE DL SE
auxiliary gas � � hydrogen/helium
cold temperature / oC -30 �20 -50 �20 -20 �20
heating temperature / oC 90 �160 55 �65 100 �140
cooling water temperature / oC 30 �50 30 �35 30 �50
COP / � 0.4 �0.6 0.4 0.2 �0.5

1 for water/lithium bromide and in table 2 for ammonia/water.

History of solar cooling with absorption chillers

In the 1970th, the company Arkla Industries Inc., USA (now owned by Robur SpA, Italy), developed

the �rst commercial, indirectly driven, single-e¤ect H2O/LiBr ACM for solar cooling with two dif-

ferent nominal cooling capacities. The driving heat temperatures were in the range of 90�C and the

cooling water temperature was 29�C for 7�C cold water temperature. The machine was installed in

demonstration projects more than 100 times in the USA (Loewer, 1978; Lamp et al., 1997; Grossmann,

2002). Arkla and also Carrier Corp., USA, then developed a small size single-e¤ect H2O/LiBr ACM

that could work with air cooling. There was no market success mainly due to the high investment

costs for solar cooling. Carrier Corp. further decreased the driving temperature of a water-cooled

single-e¤ect H2O/LiBr ACM by using a falling �lm generator with a large surface area. The driving

heat temperature was 82�C and the cooling water temperature was 28�C for 7�C cold water temper-

ature (Lamp et al., 1997). The production of these ACMs was stopped and the technology�s licence

was given to the Japanese company Yazaki. Up to the beginning of the 1990th, the company Yazaki

o¤ered H2O/LiBr ACMs with 5 �10 kW cooling power (such as the WFC-600 with 7 kW), which were

used for solar cooling projects. Due to the missing demand, the production was also stopped.

At the beginning of the 1980th, Arkla developed a double-e¤ect H2O/LiBr ACM in which the lower

temperature generator was supplied with solar energy, while in fossil mode the double-e¤ect generator
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was �red using the higher COP. Due to the lack of demand on the market for solar cooling, the

production of this cooling machine was stopped and the technology was also licensed to the Japanese

company Yazaki. They sold the machines for several years, but they are no longer available today.

In the medium-sized performance range, the most project experiences for solar cooling exist for the

single-e¤ect water/lithium bromide ACM WFC-10 from Yazaki, Japan, with a cooling power range of

35 �46 kW. The operation is generally rated as dependable and unproblematic.

After the market failure of low power systems some decades ago, there has been an increased

interest in low power absorption chillers during the last decade. A range of manufacturers - many

from Europe - now o¤er single e¤ect thermal chillers with cooling power below 10 kW. The Swedish

company ClimateWell alone installed several hundred units in Spain during the last two years, while in

2007 the total number of solar cooling systems was estimated at only 200 (Preisler, 2008: Case study

Rococo, Arsenal Research).

There are no general rules yet for the dimensioning of solar cooling systems and planners often

do not have adequate tools to determine the energy yield and solar fraction. The ratios between

solar collector surface area and cooling power or storage volume and collector surface in the various

demonstration projects vary strongly (see �gure 1). Under comparable climatic conditions - Austria

and Germany, for example - less than one and more than �ve square meters of collectors have been

installed per kilowatt of cooling power.

Also the ratio of storage volume (in liter water volume) to installed collector surface varies by more

than a factor 20 in the di¤erent demonstration projects. While warm water solar thermal systems

or heating support systems have typical storage volumes between 50 and 100 liter per square meter

of collector surface, in the solar cooling projects storage volumes are often much lower with less than

30 liter per square meter of collector. However, there are also some projects with signi�cant storage

volumes over 100 liter per square meter (see �gure 2).

The ratio of installed collector surface to the cooled building surface spreads over a wide range of

values from under 10% up to 30% of the building surface area (see �gure 3). It is clear that the solar

contribution to the total cooling demand must vary signi�cantly. Unfortunately very few published

results of measured solar fractions are available today.
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Figure 1: Collector surface per kW of cooling power in various demonstration projects.
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Figure 2: Ratio of hot water storage volume in liter per square meter of collector surface for di¤erent
solar cooling demonstration projects.
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Figure 3: Ratio of installed collector surface area to building surface area in various demonstration
projects.
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Figure 4: Total investment costs for di¤erent solar cooling systems implemented in the last decades in
Europe.

For some of the solar cooling systems described above, total investment costs are available. De-

pending on system size and technology chosen, the total investment cost vary between 1900 and 6000

e per kilowatt cooling power installed (see �gure 4).

Design, performance and optimisation potentials of solar driven absorption

cooling systems

Dynamic simulation showed that the design and dimensioning of a solar thermal system for cooling

applications depends not just on the maximum cooling load, but on the characteristics of the cooling

load distribution over the year (Assilzadeh et al, 2004; Mittal et al, 2005; Eicker et al, 2007; Bujedo

et al, 2008). On the plant side the overall performance of the ACM is signi�cantly in�uenced by the

control of the cooling temperature at absorber and condenser inlet, the required cold water temperature

and the heating temperature on the generator side. The solar fraction of the required heating energy

depends not just on the collector and hot storage size, but also on the speci�c mass �ow rate of

the collector �eld, the control of the collector pump and the charge and discharge control of the hot

storage. In the following these in�uencing factors on the performance of solar driven absorption chillers

are discussed separately, starting with the in�uence of the building and its cooling load characteristics

and locations and then dealing with the in�uence of the control of the solar system.
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In�uence of the building and location on the design and performance of solar driven ACM

For the dimensioning of the solar cooling system information about the maximum cooling load of the

building is required to choose the correct size of the absorption chiller, but is not su¢ cient for the

dimensioning of the solar system to achieve a certain solar fraction. The main reason for this is that

di¤erent buildings have di¤erent daily cooling load characteristics with the maximum cooling power

required earlier or later during day and the problem of a �xed timely availability of solar energy. To

overcome these shifts between maximum cooling load and maximum solar irradiation or cloudy days

with low solar irradiation, hot or cold water storage tanks can be introduced into the system. Another

problem results from the fact that the available solar energy not only depends on the time of the day

but also on the time of the year and that the cooling load of some buildings is not that closely related

to the ambient conditions as others are. For example the cooling load of buildings with medium to low

internal loads and large window areas is typically much closer linked to the available solar irradiation

than buildings with low window areas or good shading protection but much higher internal loads. To

reach the same solar fraction the second type of building needs much larger collector �elds and hot

water storage tanks although both building types may have the same maximum cooling load.

The location has a clear in�uence on the required cooling load of the buildings but also has a

distinctive in�uence on the performance of the solar cooling system. Apart from the available solar

irradiation the most critical parameters for the e¢ ciency of the absorption cooling system are the

ambient temperature and humidity. These two values strongly in�uence the cooling water temperature

of the absorber and condenser which has a signi�cant in�uence on the performance of the absorption

chiller. However, so far very few results of complete system simulations and even less measured

performance data have been published.

Di¤erent building types were compared by Henning for a range of climatic conditions in Europe

with cooling energy demands between 10 and 100 kWh m�2a�1. Collector surfaces between 0.2 and

0.3 m2 per square meter of conditioned building space combined with 1�2 kWh of storage energy gave

solar fractions above 70% (Henning 20004). System simulations for an 11 kW absorption chiller using

the dynamic simulation tool TRNSYS gave an optimum collector surface of only 15 m2 for a building

with 196 m2 useful �oor area and 90 kWh m�2 annual cooling load, i.e. less than 0.1 m2 per square
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Figure 5: Hourly cooling loads for an o¢ ce building with low internal loads with its main window front
facing in di¤erent directions.

meter of useful building �oor area. A storage volume of 0.6 m3 was found to be optimum (40 l/m2

collector), which at 20 K useful temperature level only corresponds to 14 kWh or 0.07 kWh per square

meter of useful building �oor area (Florides, 2002). Another system simulation study (Atmaca, 2003)

considered a constant cooling load of 10.5 kW and a collector �eld of 50 m2: 75 l storage volume per

square meter of collector surface were found to be optimum. Larger storage volumes were detrimental

to performance. Also attempts have been made to relate the installed collector surface to the installed

nominal cooling power of the chillers in real project installations. The surface areas varied between

0.5 and 5 m2kW�1 of cooling power with an average of 2.5 m2kW�1:

A recent simulation study discussed the in�uence of building loads on solar thermal system di-

mensioning (Eicker et al, 2008). Here the orientation, location and internal loads of the building were

varied. The peak values of the daily cooling loads are highest for an o¢ ce with a large western window

front and lowest for an o¢ ce with the main windows orientated to the east (see �gure 5). The phase

shift between the maxima of the curves is about 2h with the maximum of the eastern and south orien-

tated buildings at around 3pm and of the west orientated building at around 5pm, which demonstrates

the typical phase shift between the maximum solar radiation (1pm at summer time) and the cooling

load of buildings. A wide range of speci�c cooling energies is covered, ranging from about 10 kWh m�2

for an o¢ ce with low internal loads in a moderate climate up to 70 kWh m�2 for the same building in

Madrid and high internal loads.
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Figure 6: Required collector area for 80% solar fraction per max. cooling load and resulting collector
yield

If a given cooling machine designed to cover the maximum load is used for di¤erent building cooling

load pro�les, the in�uence of the speci�c load distribution and annual cooling energy demand can be

clearly seen (see �gure 6). An o¢ ce building with low internal loads and the main windows facing

south requires about 2 m2kW�1 solar thermal collector area for a solar fraction of 80% at the location

Madrid. If the building orientation is changed, the peak cooling power also changes. To adjust for

these di¤erences the building surfaces areas were adapted to give the same maximum cooling load.

The di¤erent orientations then change the required collector area by about 10-15%.

More signi�cant is the impact of the building internal loads, which strongly increases the full load

hours for a given cooling peak power. Here the required collector surface area is nearly double with 3.6

m2kW�1, although the required maximum power is still the same. Due to the longer operating hours

of the solar thermal cooling system, the speci�c collector yield is 20% higher and a mean solar thermal

system e¢ ciency of 45% can be obtained for solar cooling operation alone. If the o¢ ce building with

low internal loads is placed in Stuttgart/Germany with a more moderate climate, the collector yield

drops by 60% to about 300 kWh m�2a�1:

The storage volumes are comparable to typical solar thermal systems for warm water production

and heating support (between 40 and 100 l/m2 of collector aperture area, depending on the cooling

load �le). They increase with cooling energy demand for a given location. In moderate climates with

only occasional cooling energy demand, the storage volumes are generally higher.

For the location Madrid, the collector surface area required to cover 1 MWh of cooling energy
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Figure 7: Required collector area for 80% solar fraction related to the annual cooling energy demand

demand is between 1.8 and 2.7 m2 per MWh, depending on building orientation chosen. The lower

the cooling energy demand, the higher the required collector aperture area per MWh. This is very

clear for the building in Stuttgart with a low total energy demand of about 10 kWh m�2 a�1; where

5.5 m2 solar thermal collector apperture area per MWh is necessary to cover the energy demand (see

�gure 7).

The work shows that dynamic system simulations of the building and solar cooling system so far

are the only reliable possibility to determine the correct solar thermal system size to reach a certain

solar fraction of the total energy requirement.

In�uence of system con�guration and control strategy

Apart from the cooling load characteristic of the buildings the design and performance of solar driven

absorption cooling systems depend on the chosen system con�guration and control including the

chillers, the cooling tower, the installed cooling distribution system and the solar heating system

(Henning, 2004; Sumath, 2003; Kohlenbach, 2007). A cold distribution with high cold water temper-

atures, i.e. in case of chilled suspended ceilings or thermally activated concrete structures, allows the

absorption chiller to work on a much higher COP. Less collector area is therefore required to achieve

the same solar fraction than in case of air based distribution systems with low cold water temperatures.

The decision for a wet or dry cooling tower/recooler has a similar but even more signi�cant e¤ect on

the required collector area since the cooling water temperature strongly in�uences the thermal COP of

the absorption chiller. Some of the installed systems operate at constant high generator temperature
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Table 3: Analysed system con�gurations and control options for a low internal load building.

Analysed control options
cases Cooling tower cold distribution Generator inlet

temperature temperature
Type Set point 6�C 15�C 85�C 70-95�C

cooling / / constant variable
water 12�C 21�C

Case 1 wet 27 x x
Case 2 wet 27 x x
Case 3 wet 27 x x
Case 4 dry 27 x x
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Figure 8: Required collector area related to max cooling load and resulting collector yield for 80%
solar fraction (O¢ ce building in Madrid, Spain with low internal loads)

which results in a slightly higher thermal COP but lower solar fractions compared to systems where

the generator inlet temperature is allowed to vary according to the temperature level available in the

hot storage tank. Di¤erent control options are summarized in table 3 and the results of the analysed

cases are shown in �gures 8 and 9. If a wet cooling tower is used, the required collector surface area

can be reduced by about 20% to 1.8 m2 per kW, if the cold water temperature level is high and a

variable generator inlet temperature is used (Case 3). If dry recooling is used at the same cold water

and generator temperature levels, this leads to 33% more collector surface area (2.4 m2 per kW cooling

power). In addition the solar thermal system e¢ ciency is highest at nearly 40% for high cold water

temperature levels and variable generator inlet temperatures.
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Figure 9: Average annual COP and solar thermal system e¢ ciency for di¤erent system con�gurations
and control strategies

Auxiliary energy consumption

High electricity consumption caused by ine¢ cient pumps, bad hydraulic design and suboptimal con-

trol in combination with low solar fractions through insu¢ cient system design are critical for the

environmental and economical performance of installed absorption cooling systems, especially if they

are compared to highly e¢ cient electrical driven compression chillers (Kohlenbach, 2007). Most of the

recent publications on the performance of solar cooling systems are focusing on the thermal COP and

the solar fraction reached. The electricity consumption of the absorption chiller, the cooling tower and

all pumps are not discussed in detail. However, since this technology is now more and more leaving the

prototype and demonstration status towards a proven technology which needs to compete with highly

e¢ cient electrical compression chillers the awareness of the importance of this issue is increasing signif-

icantly. Within TASK 38 therefore standardised monitoring requirements are currently developed to

overcome the problem of missing electricity and heat meters in demonstration installations. In parallel

these monitoring guidelines are applied to a large number of demonstration installations to get reliable

monitoring data of existing systems, which are not yet available.

To demonstrate the e¤ect of di¤erent control strategies on the overall performance of solar driven

absorption chillers the results of a recent study (Pietruschka et al, 2007) on the performance of a solar

driven absorption cooling system installed in an o¢ ce building in Rimsting, Germany are discussed.

This system includes a market available 15 kW LiBr absorption chiller, two 1 m3 hot water storage
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Figure 10: Schematic drawing of a solar driven absorption cooling system used for control strategy
optimisation.

tanks, one 1 m3 cold storage tank, 37 m2 �at plate collectors and 34 m2 solar vacuum tube collectors

all facing south with an inclination of 30�, a 35 kW wet recooling tower and an additional dry recooling

system (see �gure 10). For the distribution of the cooling energy chilled ceilings and fan coils are used

with 16�C supply and 18�C return temperature and an automated supply temperature increase for

dew point protection. The o¢ ce building with 566 m2 of conditioned space has a maximum cooling

load of 18 kW and a total annual cooling energy demand of 8.7 MWh/a (16 kWh/m2a).

The installed absorption chiller is able to provide the required cooling power of 18 kW if the setpoint

of the recooling temperature is reduced by 3 K from 30�C design conditions to 27�C. For the analysis

of di¤erent control strategies on the overall performance of the installed system a detailed dynamic

simulation model developed in INSEL (Schumacher, 1991) was used which also considers the electricity

consumption of all installed components (fans, pumps, etc.). Five main cases with di¤erent control

options have been analysed (see table 4). Three of them operate with wet cooling towers, case 4 and

5 with dry recooling.

The setpoint of the recooling water temperature is either controlled by a 3-way-valve or by fan

speed control of the cooling tower. Values below 27�C (30�C for dry cooling tower) are only provided

as long as reachable at the given ambient conditions with the choosen recooling technologie. The

Generator inlet temperature is either constant or variable according to the temperature in the hot and

cold storage tank.
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Table 4: Analysed control options of the absorption cooling system.

Analysed cases Case 1 Case 2 Case 3 Case 3.1 Case 3.2 Case 4 Case 5

Cooling tower type wet wet wet wet wet dry dry
Cooling water 3-way-valve x x
temp. control fan speed x x x x x
Cooling water 27�C x x x x x
setpoint 24�C x

21�C x x
Generator 90�C x x
temperature 70-90�C x x x
setpoint 70-95�C x x
Control dist. pump yes x x x x x x
�T-control no x

An additional Case 6 is de�ned and analysed as reference system for a compression chiller using

manufacturer´s data with an electrical COP of 4.0 at 27�C recooling temperature. The recooling is

done with a dry recooler with constant fan speed control, which tries to keep the 27�C if possible.

For a detailed analysis of the system performance annual simulations were carried out for the

regarded cases with di¤erent control options as de�ned in table 4 and for the reference compression

chiller system of Case 6. The main results are summarised in three graphs shown in �gures11 to 13.

To compare the e¢ ciency of the system with varied control strategies three di¤erent COP are used: 1.

The standard thermal COPth which is de�ned as the cooling energy produced divided by the heating

energy used; 2. The total electrical COPel which is simply the cooling energy produced divided by the

total electricity consumption of the solar cooling system; 3. The total primary energy (PE) related

COP which is de�ned as the provided cooling power divided by the sum of consumed electricity and

auxiliary thermal energy multiplied by the PE factors of 3.0 for electricity and 1.1 for the gas boiler.

COPPE;total = Qcool=(3Qel + 1:1Qh;aux) (1)

The average thermal COP is in most cases around 0.74 and can be slightly increased to 0.77 by

reducing the recooling temperature setpoint (Figure 11). Therefore the required heating energy is

nearly constant for all analysed cases at a value of slightly below 650 kWh per kW maximum cooling

load. A more signi�cant in�uence of the di¤erent control strategies is visible for the solar fraction
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reached. Cases with constant generator inlet temperature reach the lowest solar fractions of around

70%. If the generator inlet temperature is allowed to vary according to the temperature in the hot

storage tank and the required cooling load this value can be increased up to 88% for the case with the

lowest recooling temperature setpoint.

The electricity consumption strongly depends on the fact whether the cold water distribution pump

of the building and the ventilator of the cooling tower are controlled according to the load or not. For

the absorption cooling system the electricity consumption related to the maximum cooling load varies

between 42 and 120 kWh kW�1 with the highest value for systems with dry recoolers without fan

speed control (Figure 12). The electricity consumption of these systems is quite close to the electricity

consumtion of a system with compression chiller which consumes 150 kWh kW�1. Highly e¢ cient

systems with controlled distribution pump and wet cooling towers with fan speed control consume

only 50 kWh kW�1 which is one third of the system with compression chiller. The electrical COPs

vary between 6.5 and 11 for the cases with wet cooling tower and between 4.2 and 8 for the cases

with dry cooling tower. The compression chiller reaches an overall electrical COP of 3.6 which is only

slightly below the worst absorption cooling system.

If the primary energy related COP and the primary energy consumption is analysed (Figure 13),

it becomes obvious that badly controlled absorption cooling systems do not save any primary energy

compared to compression chillers. Only systems with highly e¢ cient pumps, cooling towers with fan

speed control and �T-mass �ow control of the cold distribution pump are able to signi�cantly save

primary energy. The primary energy related COP of these systems is between 1.5 and 2 which means

that in the best case nearly half of the primary energy consumption of a system with compression

chiller can be saved with well designed and controlled solar cooling systems.

To avoid additional heating energy consumption and to increase the primary energy savings some

systems are designed for purely solar driven operation. However, these systems are either designed with

very large collector areas and huge hot storage volumes or an auxiliary electrical cooling system has to

be used. To start the operation of absorption chillers a certain temperature level needs to be available

either in the hot storage tank or in the collector circuit in case of direct solar driven systems without

hot storage tank. Large hot water storage tanks require time to be heated up in the morning, therefore
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such systems su¤er from a late start-up of the absorption chiller in the morning. Direct solar driven

systems without hot water storage only need to heat up the collector circuit and therefore can start the

absorption chiller operation much earlier. On the other hand, these systems often have the problem of

unstable operation of the absorption chiller on cloudy days caused by system shut downs and start-ups

due to insu¢ cient heat supply. To combine the advantages of both systems the hot storage tank can

either be partitioned in a smaller upper part and a bigger lower part or bypassed completely. Both

possibilities require the implementation of intelligent storage charge and discharge control strategies.

In a recent study (Pietruschka et al, 2008) the solar cooling system described above was considered to

be purely solar driven and analysed for di¤erent storage charge and discharge strategies. The results

show, that through the implementation of a storage bypass the start-up time can be signi�cantly

reduced by 1h 40 min in the worst and nearly 2 h in the best case. For the partitioned storage case

(300 liter top and 1700 liter bottom volume), the start-up time is between 12 and 20 minutes later.

On a cloudless summer day the start-up of the solar cooling system is at 9:23am (Bypass), 9:43am

(partitioned storage) instead of 11:04am (full storage). The overall best performance is reached for

a system with combined bypass and partitioned storage control with system start-up at 9:23am and

stable system operation on cloudy days. Compared to a system which always uses the full storage

volume the combined system with partitioned storage and storage bypass can produce between 19 %

(cloudless days) and 33% (cloudy days) more cooling energy per day.

Technology overview: desiccant cooling

Desiccant cooling systems are an interesting technology for sustainable building climatisation, as the

main required energy is low temperature heat, which can be supplied by solar thermal energy or

waste heat. Desiccant processes in ventilation mode use fresh air only, which is dried, precooled and

humidi�ed to provide inlet air at temperature levels between 16 � 19�C. The complete process is

shown in �gure 14 with the fresh air side and the exhaust air side. Outside air (1) is dried in the

sorption wheel (2), precooled in the heat recovery device with the additionally humidi�ed cool space

exhaust air (3) and afterwards brought to the desired supply air status by evaporative cooling (4).

The space exhaust air (5) is maximally humidi�ed by evaporative cooling (6) and warmed in the heat
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recovery device by the dry supply air (7). In the regeneration air heater the exhaust air is brought

to the necessary regeneration temperature (8), takes up the water adsorbed on the supply-air side

in the sorption wheel, and is expelled as warm, humid exhaust air (9). If room air is recirculated,

the desiccant wheel is used to dry the room exhaust air, which is then precooled using the rotating

heat exchanger and humidi�ed to provide the cooling e¤ect. Regeneration of the desiccant wheel and

precooling of the dried recirculation air is done by ambient air, which is �rst humidi�ed, then passes

the rotating heat exchanger, is heated to the necessary regeneration temperature and �nally used to

regenerate the desiccant wheel.
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Figure 14: Process steps of a desiccant cooling system in a hx-diagram.

The concept of desiccant cooling was developed in the 1930th and early attempts to commercialize

the system were carried out unsuccessfully. Pennington patented the �rst desiccant cooling cycle

(Pennington, 1955), which was then improved by Carl Munters in the 1960th (Munters, 1960). Good

technology overviews are given by Mei, Lavan and others (1992) or Davanagere et al (1999). The most

widely used desiccants are silica gel, lithium chloride or molecular sieves, for example zeolites. Solid

desiccants such as silica gel adsorb water in its highly porous structure. Lithium chloride solution is

used to impregnate for example a cellulose matrix or simpler cloth based constructions and can then

be used to absorb water vapour from the air stream (Hamed et al, 2005).
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The thermal coe¢ cient of performance is de�ned by the cold produced divided by the regeneration

heat required. For the hygienically needed fresh air supply the enthalpy di¤erence between ambient

air and room supply air can be considered as useful cooling energy. If the building has higher cooling

loads than can be covered by the required fresh air supply, then the useful cooling energy has to be

calculated from the enthalpy di¤erence between room exhaust and supply air, which is mostly lower.

The thermal COP is obtained from the ratio of enthalpy di¤erences (state points are given in brackets):

COPthermal =
qcool
qheat

=
hamb(1) � hsup ply(4)
hwaste(9) � hreg(8)

(2)

Related to ambient air, COP´s can be near to 1.0, if regeneration temperatures are kept low and

reduces to 0.5, if the ambient air has to be signi�cantly dehumidi�ed. COP´s obtained from room

exhaust to supply air are lower between 0.35 and 0.55 (Eicker, 2003). The maximum COP of any heat

driven cooling cycle is given for a process, in which the heat is transferred to a Carnot engine and the

work output from the Carnot engine is supplied to a Carnot refrigerator. For driving temperatures of

70�C, ambient air temperatures of 32�C and room temperatures of 26�C, the Carnot COP is 5.5.

COPCarnot =

�
1� Tambient

Theat

��
Troom

Tamb � Troom

�
(3)

However, as the desiccant cycle is an open cycle with mass transfer of air and water, several authors

suggested to rather use a reversible COP as the upper limit of the desiccant cycle, which is calculated

from Carnot temperatures given by the enthalpy di¤erences divided by entropy di¤erences (Lavan

et al, 1982). This allows the calculation of equivalent temperatures for the heat source (before (7)

and after the regenerator heater (8)), evaporator (room exhaust (6) minus supply (4)) and condensor

(Waste air (9) minus ambient(1)).

Tequivalent =

P
minhin �

P
mouthoutP

minsin �
P
moutsout

(4)

Under conditions of 35�C ambient air temperature and 40% relative humidity, de�ned by the

American Air conditioning and Refrigeration Institute (so called ARI conditions), reversible COP´s of

2.6 and 3.0 were calculated for ventilation and recirculation mode (Kanoglu, 2007). The real process,
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Figure 15: Temperature and humidity levels in a high performance desiccant cooling process.

however, has highly irreversible features such as adiabatic humidi�cation. Furthermore, the speci�c

heat capacity of the desiccant rotor increases the heat input required.

An e¤ective heat exchange is crucial for the process between the dried fresh air (state 2) and

the humidi�ed exhaust air (state 6), as the outside air is dried at best in an isenthalpic process and

is warmed up by the heat of adsorption. For a rather high heat exchanger e¢ ciency of 85%, high

humidi�ation e¢ ciencies of 95% and a dehumdi�cation e¢ ciency of 80%, the inlet air can be cooled

from design condition of 32�C and 40% relative humidity to below 16�C (see �gure 15).

Simple models have been used to estimate the working range of desiccant cooling systems, for

example to provide room conditions not just for one set point, but for a range of acceptable comfort

conditions (Panaras et al., 2007). The performance of the desiccant rotor itself can be evaluated by

complex heat and mass transfer models based on Navier Stokes equations (Maclaine-Cross, 1988, Gao

et al, 2005). This allows the evaluation of the in�uence of �ow channel geometry, sorption material

thickness, heat capacity, rotational speed, �uid velocity etc. They are mostly too time consuming

to be used in full system simulations including solar thermal collectors, where mostly simpler models

are available, based either on empirical �ts to measured data (Beccali et al., 2003) or on models of

dehumidi�cation e¢ ciency.
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Figure 16: Operation hours of di¤erent DEC modes for all days in July for the system of the Maier
factory Althengstett in Germany.

Operating experiences desiccant cooling

There are only a few desiccant plants implemented which are powered by solar energy so that opera-

tional experience from such plants is very scarce. A common conclusion from three systems in Germany

and Spain (IHK building in Freiburg/Germany, Factory Maier in Althengstett/Germany and Public

Library Mataró/Spain) driven by solar air collectors was that the solar collector yield during the sum-

mer period was below 100 kWh m�2 a�1 and thus rather low. This is not due to the e¢ ciency of the

solar air collectors, which is quite high around 50% for temperature levels of 70�C, but rather to the

low numbers of hours during which regeneration is really needed: if the ambient air is not very humid

and temperature levels moderate, the pure evaporative cooling e¤ect is su¢ cient to cool the ambient

air. A detailed analysis of the Maier factory buiding in Germany showed that from 421 operation

hours of the system in the month of July, only 83 hours needed full regeneration mode, while during

90 hours pure evaporative cooling was su¢ cient. The dominant operation mode even in July was free

cooling with 178 operating hours (see �gure 16).

From the 83 hours of required regeneration, the collector provided energy during 53 hours, i.e.

during 64% of the time and produced a total of 11 kWh m�2 month�1, which is about the same
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Figure 17: Measured irradiance on collector surface and horizontal plane during July and energy yield
during regeneration hours only in the Maier factory building.

amount than the waste heat delivered from the factory machinery. The mean collector e¢ ciency

during the operation hours is 48%, which is a good performance value (see �gure 17).

Component and control strategy analysis

To reach the design supply air temperatures in desiccant cooling plants, the component perfor-

mance must be excellent. Measurements in two demonstration plants in Althengstett/Germany and

Mataró/Spain showed that heat recovery e¢ ciencies of rotating heat exchangers were only between

62 and 68% at rotation rates of 600 turns per hour. At a measured mass �ow ratio between supply

and exhaust air of 1.16 the manufacturer value given was 73%. As this component is crucial for the

precooling of dried process air, better heat recovery e¢ ciencies should be achieved.

The simple contact evaporators reach 85-86% humidi�cation e¢ ciency, compared to 92% given by

the manufacturer. The dehumidi�cation e¢ ciency of sorption rotors, which is de�ned as the measured

absolute dehumidi�cation compared to the maximum possible dehumidi�cation down to the relative

humidity of the regeneration air, is 80% at a ratio of regeneration to process air of 66%.

The component parameters from the experimental analysis of the two desiccant cooling units in

Spain and Germany are summarised in table 5.

Di¤erent control strategies have been compared by Ginestet et al (2003) to study the in�uence

of air volume �ow and regeneration temperature. As the increase of regeneration temperature does
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Table 5: Summary of measured e¢ ciencies in two desiccant cooling plants in Germany and Spain
Mataró Althengstett

Dehumidi�cation e¢ ciency 80 80
Humidi�cation e¢ ciency 86 85
Heat recovery e¢ ciency 68 62

not linearily lower the supply air temperature, the study concluded that increased air �ow rates are

preferable to increased thermal input, if the cooling demand is high. Mean calculated COP´s for the

climatic conditions of Nice were between 0.3 and 0.4. Henning and others also remarked that increasing

the air �ow is useful in desiccant cooling mode, but that the minimum acceptable �ow rate should be

used in adiabatic cooling or free ventilation mode to reduce electricity consumption (Henning et al,

1999).When thermal collectors with liquid heat carriers are used in combination with a bu¤er storage,

Bourdoukan and others suggested to operate the cooling system only in adiabatic cooling mode during

the morning and then allow desiccant operation in the afternoon, using heat from the bu¤er storage

(Bourdoukan et al, 2007). However, in many applications, dehumidi�cation is already required during

the morning hours. Also if cheaper air collectors are used, heat storage is not possible.

Desiccant cooling system controllers operate with a temperature cascade system, where usually the

exhaust air humidi�cation together with the heat recovery wheel are �rst switched on, then the supply

air humidi�er, �nally the sorption wheel and if needed the auxiliary energy system. The heat recovery

losses from the exhaust air side are avoided if the supply air humidi�er is switched on �rst (for example

in the Althengstett project). However, as the room air humidity cannot exceed set values (around 10-

12 g/kg), the direct humidi�cation of supply air has limits. The regeneration air temperature has to

be limited for certain technologies to avoid damages of the sorption rotor. For example, for cellulose

rotor with LiCl solution the maximum allowed regeneration temperature is 72�C.

Each component has speci�c time delays between the control signal (release) and showing e¤ect

in operation. Simple contact humidi�ers need about 5 � 10 minutes after release to reduce the air

temperature at the outlet signi�cantly and the cooling e¤ect does not stop before 45 minutes after the

release is switched o¤ (see �gure 18).

This dynamic and partially slow response of the components is often not adequately considered in

the control strategy of desiccant cooling plants. For example, supply air temperatures in one of the
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representing the real operation of the humidi�er, when the temperature di¤erence is at least 3 K.
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Figure 19: Fluctuations of supply air temperature due to control strategy.

German plants was shown to �uctuate by about 6 K, when supply air humidi�ers and heat recovery

strategies work against each other. Full humidi�cation of the three stage supply air humidi�er leads

to a temperature decrease of the supply air below the minimum allowed temperature of 17�C in less

than 30 minutes (see �gure 19).

The humidi�ers are consequently switched o¤ and the rotational speed of the sorption rotor is

increased to raise the temperature level in heat recovery mode. Furthermore, the rotating heat ex-

changer is switched on too early (about 10 minutes before the exhaust air humidi�er), so that supply

air temperatures increase well above 20�C and then drop again below 15�C. These control problems

can be avoided, if the response time of the humidi�ers is taken into account and if the sorption wheel is

not used in heat recovery mode for compensation of too low temperatures. Furthermore, the rotating
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heat exchanger should only switch on together with or �ve minutes after the exhaust air humidi�er.

Fixed high temperature levels for regeneration lead to a high auxiliary energy demand. If tem-

perature setpoints are �xed, auxiliary energy for heating will always be used during the mornings,

when solar thermal energy is not yet available at su¢ cient temperature levels. With air based systems

without thermal storage this is di¢ cult to avoid. It is therefore advisable to operate the desiccant

mode with low purely solar based regeneration temperatures and admit lower dehumidifaction rates.

Temporary increases of room humidity could then be reduced, when solar energy is available. To use

the solar cooling energy also for long operation hours until midnight would only be possible, if the

storage mass of the building itself would be used. In conclusion it can be stated that in order to achieve

higher solar fractions, the control strategy of the desiccant system must be adapted more to the solar

air collector system, allowing full regeneration operation, whenever solar irradiance is available and

using the buildings heat and humidity storage capacity to cool and dry it down more than required by

static setpoints.
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Figure 20: Summer cooling energy produced in the Maier factory building and heating energy for
di¤erent ambient air temperature ranges. The collector energy is also used for heating of old factory
buildings.

Energy analysis and COP´s

The coe¢ cient of performance of the desiccant cooling process strongly depends on the ambient bound-

ary conditions: if the dehumidi�cation required is low, the regeneration temperatures can also be low

and the COP is high. In case only evaporative cooling is su¢ cient, the thermal COP is in�nite. Typical

average COP´s over a summer period are near 1.0. If the heating energy is related only to the hours

with full desiccant operation, the COP is on average around 0.5. Full desiccant cooling operation is

mainly required in the summer months, when the humidi�cation process alone is not su¢ cient for

exterior air cooling. These results were obtained from one year of detailed monitoring results of the

Maier factory building (see �gure 20).

Under German climatic conditions, about half of the cooling energy is usually obtained with full

desiccant operation, the rest of the operating time only humidi�cation is su¢ cient. An interesting fact

is that auxiliary energy is often necessary when outside temperatures are rather low (below 25�C).

Although the temperature reduction between outside air and inlet air is small for these condition,

the dehumidi�cation process requires a high amount of energy. Auxiliary cooling would be preferable

under such conditions. If not possible the controller must ensure that the regeneration air temperature

is kept at its minimum and not set to �xed values.

The thermal auxiliary energy demand obviously depends on the dimensions of the solar collector

�eld and the climatic boundary conditions. As regeneration air heating is very energy intensive at
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sometimes little cooling e¤ect, it is recommendable to use auxiliary cooling systems. If the electrical

COP´s are analysed, the additional pressure drops across the humidi�ers, sorption wheel and air

collector �elds have to be considered. Compared to a conventional air conditioning system this means

for the Althengstett case about 20% higher electricity consumption. Related to the produced cold, the

additional electricity demand corresponds to an average electrical COP of 7.5. If the total electrical

energy consumption for an air based distribution system is considered, the ratio of produced cold to

total electricity demand is much lower and typically below 2.0. This is a consequence of an air based

cooling distribution system. The situation can only be improved if variable volume �ows are possible

at partial load conditions.

Cost evaluation

To plan and project energy systems such as solar cooling systems, economic considerations form the

basis for decision making. The costs in energy economics can be divided in three categories: capital

costs, which contain the initial investment including installation, operating costs for maintenance and

system operation and the costs for energy and other material inputs into the system.

The analysis presented here is based on the annuity method, where all cash �ows connected with

the solar cooling installation are converted into a series of annual payments of equal amounts. The

annuity a is obtained by �rst calculating the net present value of all costs occurring at di¤erent times

during the project, i.e. by discounting all costs to the time t = 0, when the investment takes place.

The initial investment costs P (t = 0) as well as further investments for component exchange in further

years P (t) result in a capital value CV of the investment, which is calculated using the in�ation rate

f and the discount or basic interest rate d.

CV =
X

P (t)
(1 + f)

t

(1 + d)
t (5)

Annual expenses for maintenance and plant operation EX, which occur regularly during the lifetime

N of the plant, are discounted to the present value by multiplication of the expenses with the present

value factor PV F . The system lifetime was set to 15 years.
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PV F (N; f; d) =
1 + f

d� f

 
1�

�
1 + f

d� f

�N!
(6)

In the case of solar cooling plants, no annual income is generated, so that the net present value

NPV is simply obtained from the sum of discounted investment costs CV and the discounted annual

expenses. It is here de�ned with a positive sign to obtain positive annuity values.

NPV = CV + EX � PV F (N; f; d) (7)

Annual expenses include the maintenance costs and the operating energy and water costs. For

maintenance costs, some standards like VDI 2067 use 2% of the investment costs. Some chiller man-

ufacturers calculate maintenance contracts with 1% of the investment costs. For large absorption

chillers, some companies o¤er constant cost maintenance and repair contracts: the costs vary between

0.5% for large machines (up to 700 kW) up to 3% for smaller power. Repair contracts are even more

expensive with 2% for larger machines up to 12% for a 100 kW machine. In the calculations shown

here, 2% maintenance costs are used.

To obtain the annuity a as the annually occurring costs, the NPV is multiplied by a recovery factor

rf , which is calculated from a given discount rate d and the lifetime of the plant N . The cost per kWh

of cold is the ratio of the annuity divided by the annual cooling energy produced.

a = NPV � rf (N; d) = NPV �
d (1 + d)

N

(1 + d)
N � 1

(8)

Cost and economics of absorption chillers

An own market study gives an overview of the investment costs for the chillers (see �gure 21). In

addition to the chiller investment costs, the annuity of the solar thermal system depends on the

surface area of the collector �eld, the storage costs and the costs for system integration and mounting.

Cost information for the solar thermal collectors and storage volumes were obtained from a German

database for small collector systems, from the German funding program Solarthermie 2000 for �at plate

collector surface areas above 100 m2 and for vacuum tube collectors from di¤erent German distributors
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(see �gure 22 and 23).

Maintenance costs and the operating costs for electrical pumps were set to 2%. Major unknowns

are the system integration and installation costs, which depend a lot on the building situation, the

connection to the auxiliary heating or cooling system, the type of cooling distribution system and

so on. Due to the small number of installations, it is di¢ cult to obtain reliable information about

installation and system integration costs. Two prices were there calculated: the �rst with very low

installation costs of 5% of total investment plus 12% for system integration. A second price is based

on 25% installation and 20% system integration costs.

The total costs per MWh of cold produced Ctotal are obtained by summing the chiller cost Cchiller

to the solar costs Csolar, the auxiliary heating costs Caux and the costs for the cooling water production

Ccooling. The costs for heating have to be divided by the average COP of the system to relate the

cost per MWh heat to the cold production and multiplied by the solar fraction sf for the respective

contributions of solar and auxiliary heating. For the cooling water, the costs per MWh of cooling

water were taken from literature (Gassel, 2004) and referred to the MWh of cold by multiplication

with
�
1 + 1

COP

�
for removing the evaporator heat (factor 1) and the generator heat with a factor 1

COP .

Ctotal = Cchiller +
sf Csolar
COP

+
(1� sf ) Caux

COP
+ Ccooling

�
1 +

1

COP

�
(9)

A value for Ccooling of 9 e per MWh cooling water was used and the auxiliary heating costs Cheating

were set to 50 e per MWh of auxiliary heat.

The chosen system technology (dry or wet chiller, low or high temperature distribution system,

control strategy) in�uences the costs only slightly (7% di¤erence between the options), if the oper-

ating hours are low (see �gure 25). If the operating hours increase, the advantage of improving the

control strategy or increasing the temperature levels of the cooling distribution system become more

pronounced (16% di¤erence between the di¤erent cases, see �gure 26).

For very low operating hours such as an o¢ ce building in the Stuttgart climate with low internal

loads (only about 300 full load hours), the costs are between 790 and 860 e MWh�1, 60% of which

are due to the chiller investment costs only (see �gure 24).
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Figure 21: Investment costs of low power thermal absorption chillers.

The calculated solar thermal energy prices are between 85 e MWh�1 and 258 e MWh�1 for solar

cooling applications, depending on the operating hours and the location. They go down as far as 76 e

MWh�1 for an o¢ ce in Madrid with high internal loads and a high temperature cooling distribution

system. These costs are getting close to economic operation compared with fossile fuel heating supply.

Depending on control strategy and building type, the total costs for a solar thermal absorption

cooling system in a Southern European location such as Madrid/Spain are between 170 � 320 e

MWh�1. If the system integration and mounting costs are assumed to be 45% of total investment

costs instead of 17%, the costs per MWh of cold are in the range of 300 �390 e MWh�1 for an o¢ ce in

Madrid with low internal loads and 200 e MWh�1 for the best case of an o¢ ce with longer operating

hours (see �gure 27).

In the case of an absorption chiller connected to a district heating system, heat prices can be

lowered while the costs associated to the system components (mostly chiller and cooling tower) remain

the same. A case study was done for a 105 kW Yazaki WFC-SC 30 absorption chiller connected to a

6 MW biomass powered district heating network in Ost�ldern/Germany. The cost of the absorption

chiller itself are only 25% of the total capital costs (see �gure 28). With a heat price of 20e MWh�1,

total cooling costs for 2000 full load hours are 169 e MWh�1. 62% of the cooling costs are capital

costs, 10% are operating costs and 28% are energy costs. At electricity costs of 120e MWh�1 the

speci�c costs for a corresponding vapor-compression chiller with a COP of 4 would be approximately

115e MWh�1.
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Figure 22: Speci�c collector costs without VAT as a function of size of the installation.
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Figure 23: Costs for di¤erent storage tank sizes and systems.

Figure 24: Cooling costs per MWh of cold for di¤erent system technology options and control strategies.
Low load building Stuttgart.
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Figure 25: Cooling costs per MWh of cold for di¤erent system technology options and control strategies.
Low load building Madrid

Figure 26: Cooling costs for di¤erent operation strategies and cooling distribution systems for the
o¢ ce with high internal loads. High load building Madrid

Figure 27: Cost distribution for a solar thermal absorption chiller system with mounting and integration
costs of 45% of total investment cost.
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Figure 28: Distribution of capital costs of an absorption cooling system connected to a district heating
network including a free cooling system.

By comparison, Schölkopf (2004) calculated the cost of conventional cooling systems for an energy

e¢ cient o¢ ce building in Germany to be 180 e per MWh. 17% of the cost were for the electricity

consumption of the chiller. The total annual cooling energy demand for the 1094 m2 building was 31

kWh m�2a�1. Own comparative calculations for a 100 kW thermal cooling project showed that the

compression chiller system costs without cold distribution in the building were between 110 and 140

e per MWh.

Henning (2004) also investigated the costs of solar cooling systems compared to conventional tech-

nology. The additional costs for the solar cooling system per MWh of saved primary energy were

between 44 e per MWh in Madrid and 77 e per MWh in Freiburg for large hotels. It is clear that

solar cooling systems can only become economically viable, if both the solar thermal and the ab-

sorption chiller costs decrease. This can be partly achieved by increasing the operation hours of the

solar thermal system and thus the solar thermal e¢ ciency by also using the collectors for warm water

production or heating support.

Costs of desiccant cooling systems

The costs for desiccant cooling units are often full system costs, as the desiccant unit already includes

parts of the conventional distribution system such as fans, fresh air channels, exhaust air channels,

�lters etc. Furthermore, the machine itself contains humidi�ers and heat exchangers, which are also

available when a conventional air handling unit is installed.
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Figure 29: Total investment costs for hardware, tubing and system integration for the solar powered
desiccant cooling plant in Althengstett with 18.000 m3/h volume �ow.

As an example the total capital, consumption and operation related costs were analysed for the

Althengstett demonstration system with a volume �ow of 18.000 m3 h�1. The investment costs are

dominated by the desiccant unit itself and its system integration, which together cause 72% of the

total investment costs. The solar air collector �eld including tubing and mounting contributes to

only 14% of the total investment costs at 300 Euro per square meter collector area (see �gure 29).

The total investment costs per m3 h�1 are 12.4e. For another well analysed system of the IHK in

Freiburg/Germany with a smaller volume �ow of 10 000 m3 h�1 the costs were higher at 16.6e per m�3

h�1. Also in this system, the DEC unit together with the air channels, mounting and control caused

about 2/3 of the total investment costs (46% for the unit itself, 17% for mounting and channels and

6% for control). The solar air collector �eld was responsible for 10% of the total costs (Hindenburg,

2002). A third system with 105 m2 solar air collectors connected in series to a ventilated photovoltaic

facade and shed roof was constructed in Mataró, Spain with a total volume �ow of 12 000 m3 h�1.

As a part of a European Union demonstration project, the unit was constructed in Germany and then

mounted and connected to the existing building management system by the Spanish project partners.

Here the DCS unit caused 33% of the total costs of 179 300 e, and a high amount of 23% were used for

the unit control and its connection to the existing building management system. The collectors were

responsible for 12% of the total investment costs, but mounting and system integration was expensive

at 15%. In total the price per cubic meter and hour of air �ow was similar to the German system with

15 e per m3 h�1.
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Figure 30: Annual consumption costs for the installed desiccant cooling system compared to an elec-
trical chiller.

From the total investment costs in the Maier factory project, an annuity of 26 070 e capital related

costs results. If the funding for the DEC investment costs of 100.000 e is taken into account, the

annuity reduces to 14 122 e . Consumption related costs for heat, electricity and water consumption

occur together with the demand charge to provide a given electrical power. In total the annual

consumption costs for the desiccant cooling system were calculated with 3147 e, about 40% less than

for a conventional air conditioning system (see �gure 30). In the Spanish Mataró project, the savings

calculated from electrical peak power cost reduction were 4200 e per year.

In addition operation related costs for maintenance and repair occur. Repair costs are usually

between 1 and 3% of investment costs, for the calculations, 2% were chosen. Maintenance costs are in

a similar range. 76% of the total annual costs are capital costs, the rest is for operation and consumption

costs (see �gure 31).

The annual heating energy saving through the solar thermal collector �eld of about 1500 e can be

substracted from the total annual costs. The remaining cooling costs for the investigated year with 34

710 kWh of cold production result in a speci�c cold price of 0.94 e per kWh without funding and 0.6

e per kWh including the investment funding. By comparison, the costs for a conventional air handling

unit with humidi�cation and an electrical compression chiller were calculated in this project with 0.65

e per kWh. The high price per Kilowatt hour is largely due to the low total cooling demand in the

building. At a nominal power of the system of approximately 100 kW, the cooling energy corresponds

to only about 350 full load hours. In climates with higher cooling demand and 1000 load hours, the
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Figure 31: Distribution of total annual costs for the installed system including subsidy on the capital
costs.

price could then go down to 0.3 e per kWh. An Austrian research team compared the costs of a

district heating powered small DEC system (6000 m3 h�1) with an air handling unit with an electrical

compression chiller. For 960 full load hours, they obtained cooling costs for the DEC unit of about

0.55 e per kWh compared to 0.51 to 0.56 e per kWh for the electrical cooling system (depending on

the tarif structure). Also here the capital costs are about 2/3 of the total annual costs of the system

(Simader, Rakos, 2005).

Conclusions

The paper gives an overview of the two main technologies used in solar thermal cooling systems, namely

closed cycle absorption chillers and open desiccant cooling systems. While absorption chillers can be

used in a wide range of applications with cold distribution based on water or air systems, desiccant

cooling systems are mainly recommendable if the needed fresh air �ow is high in a building. For all

solar thermal cooling technologies, the reduction auxiliary electrical energy consumption is a major

goal, as otherwise primary energy savings are not signi�cant. This means an optimised control strategy

especially for partial load operation and good design of the heat source and heat sink circuits. The

surface area of solar thermal collectors for an absorption cooling system strongly depends on the full

load hours of the system. For building with low internal loads, about 2 m2 per kilowatt cooling power

are su¢ cient to achieve 80% solar fraction, for buildings with high loads and up to 2000 full load hours,

about 4 m2 per kW are recommended.
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The total system costs for commercially available solar cooling systems in a Southern European

location are between 180 �320 e MWh�1, depending on the cooling load �le and the chosen control

strategy. The total costs are dominated by the costs for the solar thermal system and the chiller itself.

For a more moderate climate such as Germany with a low cooling energy demand, the costs rise to

680 e MWh�1.

In desiccant cooling systems, capital costs clearly dominate the total costs. About 2/3 of the

investment costs are due to the desiccant air conditioning and distribution system, while the solar

collectors are just 10 - 15% of the investment. Per m3 h�1 volume �ow the investment costs are

between 12 - 17 e. Depending on the full load hours, this results in a cooling price between 300 and

900 e MWh�1. In moderate climates, the number of regeneration hours with solar thermal operation

is limited, as often evaporative cooling is su¢ cient. Here the speci�c collector summer yield is rather

low and new control strategies need to be found to optimise the solar thermal contribution.
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